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EVAPORATION AND CONDENSATION HEAT TRANSFER
AND PRESSURE DROP OF R-22 INSIDE MICROFIN TUBES

S. Arosio, A. Muzzio, A. Niro

Dipartimento di Energetica, Politecnico di Milano
piazza Leonardo da Vinci, 32 - 20133 Milano, Italy

ABSTRACT

In-tube flow boiling and condensation experiments for Refrigerant-22 have been carried out on two microfin tubes
of differing internal profile, and on a smooth tube. All the tubes have an outer diameter of 9.52 mm. Data are for
mass flow rates ranging from 5.5 to 25 g/s. In boiling tests, the nominal saturation temperature is 5 °C, with inlet
vapor quality varying from 0.2 to 0.6 and quality change between the test section inlet and outlet from 0.1 to 0.5.
In condensation, results are for a saturation temperature equal to 35 °C, with inlet and outlet qualities of 0.8 and
0.2, respectively. Both microfin tubes show a substantial increase in the heat transfer coefficient with respect to
the smooth tube, penalised by a small increase of pressure drops. The enhancement factor turned out to be
decreasing with increasing mass flow rates. Results for the smooth tube are compared with predictions of several
existing correlations; experimental data agree very well with values predicted by some of such correlations.

1. INTRODUCTION

Heat transfer coefficients for in-tube evaporation and
condensation of halocarbon refrigerants are often low
enough to represent a significant thermal resistance in
heat exchange equipments for refrigeration and air-con-
ditioning applications. Due to an emphasis on energy
and materials saving considerations, many techniques
for heat transfer enhancement, as discussed by Bergles
in [1], may be used to produce more efficient evapora-
tors and condensers. Any enhancement technique,
however, is penalised by an increase in pressure drops.
In recent years, microfin tubes, i.e., tubes having many
fine helical fins on the inner surface, have received in-
creasing attention because they can substantially
enhance convective heat transfer with a small pressure
drop increment. For instance, Schlager et al. in [2] and
Thome in [3] list more than 20 papers that report on ex-
perimental results with halo-carbons refrigerants in mi-
crofin tubes.

Lately, many efforts have been spent in researching
and developing fin shapes which provide high heat tran-
sfer coefficients and low pressure drop increases. Due
to the larger complexity of fluid-dynamics and heat
transfer processes involved in evaporation and conden-
sation inside microfin tube, however, heat transfer pre-
dictions are much more difficult than for a smooth tube
and, therefore, the development of more efficient fin
shape is an empirical art yet. Although advances have
been made in predictive methods as discussed by Webb
in [4], there is a large demand for a deeper understan-
ding of boiling and condensation mechanisms inside
microfin tubes, as well as for correlations and models

which predict the heat transfer and friction charac-
teristics.

The aim of this study is to collect data on flow-boi-
ling and convective condensation of halocarbon refrige-
rants inside horizontal microfin tubes. This paper re-
ports on average heat transfer coefficients and pressure
drops in convective boiling and condensation of
Refrigerant-22 (R-22) inside two microfin tubes and a
smooth tube, used as the reference case, with an outer
diameter of 9.52 mm. '

Experimental results are compared with the
estimates obtained by several available correlations.
The Pierre, the Saha, the Kandlikar, and the Gungor-
Winterton correlations are considered for heat transfer
coefficient data in flow-boiling conditions, whereas
condensation data are correlated using the Shah and the
Cavallini-Zecchin correlations, and the calculation
schemes proposed by Butterworth and by Paikert.
Finally, the pressure drop data are correlated using the
correlations proposed by Chawla, Grgnnerud, Friedel
(only for boiling data) and Rohsenow (only for conden-
sation data). A satisfactory agreement has been found
with predictions of the correlations proposed by Pierre,
by Kandlikar, by Cavallini-Zecchin, by Paikert, and by
Chawla and by Grgnnerud.

2. APPARATUS AND TEST PROCEDURES

The schematic diagram of the experimental appara-
tus is shown in Fig. 1. The apparatus consists of three
circuits, namely, a sealed refrigerant (R-22) circuit, a
water circuit to heat or cool refrigerant in the test sec



tion, and a chilled coolant (water-glycol solution) cir-
cuit. The refrigerant circuit mainly consists of a boiler,
the test section, a condenser, a gear pump and a filter
dryer. Boiler is a 58 dm3 volume, stainless-steel pres-
sure vessel of cylindrical shape with welded ellipsoidal
heads; a heater, consisting of three electrical cartridges
of 1, 1.5 and 2.5 kW power, respectively, fitted on one
plug, is mounted on the boiler bottom.

Liquid and vapor are drawn from the boiler through
two distinct lines. On each line two float-type flowme-
ters, whose float is magnetically coupled to the indica-
ting scale, are installed to measure the volume flow ra-
tes of refrigerant stream. In order to provide a single
phase flow through flowmeters for any operating con-
ditions, a concentric-tube subcooler and a ribbon elec-
trical heater are located upstream of the flowmeters on
the liquid and vapor lines, respectively. The liquid and
vapor flow rates are controlled by precision metering
valves. Downstream of the valves, vapor is mixed with
liquid; the two-phase mixture flows through a 1.5 m
long calming section and then enters the test section. At
the exit, refrigerant flows through a second calming
section of 1.8 m length and then is discharged to the
condenser, which provides to condensate vapor and to
maintain the test section outlet pressure at a given value.

The condenser is a pressure vessel of the same shape
and dimension as the'boiler; three round coil heat ex-
changers, through which the chilled coolant is circula-
ted, are located inside, the upper part of condenser; an
electrical cartridge of 1 kW power is mounted on a plug
fitted on the condenser bottom. Finally, liquid refrige-
rant is drawn from the condenser by a gear pump and is
conveyed through a filter dryer to the boiler. An other
concentric-tube heat exchanger is mounted on the pump
suction line to ensure a liquid flow through the pump.
Refrigerant temperature is measured upstream of the
flowmeters, downstream of the controlling valves, and
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at the inlet and outlet of the test section by thermocou-
ples inserted in 60 mm long, 3 mm o.d., stainless steel
wells located on the duct axis.

The test section is a straight, 2.6 m long, 9.52 mm
o.d., copper tube that is divided in two equal parts,
which we refer to as the subsections. They are connec-
ted to each other and to the loop, without any disconti-
nuity in the duct internal diameter, via three 3-way 12-
mm tee fittings. Two pressure-taps are cut in each junc-
tion; a gap between fitting inner surface and tube outer
surface serves as a pressure annular-chamber; the
branch of each fitting provides connection via a mani-
fold to pressure transducers. Refrigerant pressure is
measured at either the test section inlet or outlet by a
strain gauge transducer, whereas an inductive transdu-
cer allows to measure pressure drops along the test sec-
tion. For every subsection, wall temperature is measu-
red in four points, namely, in two axial locations, both
140 mm from either end, and in two circumferential po-
sitions 180 degrees apart for each location, by means of
T-type thermocouples which are cemented in longitudi-
nal grooves cut in the outside wall of the tube.

Numerical simulation indicated that error in the in-
side wall temperature should be negligible. Every sub-
section is enclosed by 14 mm i.d. brass tube to provide
an annulus through which the heating or cooling me-
dium (water) is circulated. Such a jacket is mounted on
subsection via two tee fittings which also allow the wa-
ter to enter and leave the annulus. The distance
between the inlet and discharge ducts of the jacket is
1.12 m and it is defined as the subsection active heat
transfer length. Calming and test sections are insulated
by a 10 cm thick, glass-wool annulus, whereas a 2 cm
thick, foam plastic sheets or annulus are used for the
other circuit components and pipes.

The water circuit consists of a tank provided with a
heater, a centrifugal pump, the jackets surrounding the

Heat - \(147) (vas)
exchangers | Flow T43 .? r
Fr\n [ll meter ] < I ~ forrT—
N
Subeection 2 Subsection 1
Water @
Q5 Circuit P
y @
| = R22
‘ = water Circuit
W4 Ra @ 154
|
Condens.
T Boller =
S =
m w2 Heat
v exchanger
Dp2 — -
Water-glycol _ ___ j,__
Circuit
® v o
: S— I
f Heat ‘
[ Filter
( —p—— exchanger
> ]
Refrigerator M

Figure 1. Schematics of the experimental apparatus.



test section, a water-to-water heat exchanger. Demine-

ralized water is drawn from a 30 dm3, stainless steel
thank on which bottom a $ kW-power heater is
mounted, and it is pumped to the jackets surrounding
the test section in counterflow with refrigerant. At the
last jacket exit, water flows through a plate heat ex-
changer in countercurrent with the chilled coolant, and
then it is discharged into the thank. The water volume
flow rate is measured by an inductive flowmeter. At the
first subsection inlet and outlet, and at the second sub-
section exit the bulk temperature of water stream is me-
asured by three thermal probes. Each such a probe
consists of three T-type, thermocouples which are con-
nected in series and separately cemented in wells drilled
in a 13 mm o.d., 20 mm high, copper cylinder. A 100
Q2 Pt-resistor is employed to measure the water tempera-
ture in the thank. Finally, the chilled coolant circuit is
filled with a water-glycol solution and consists of a
commercial refrigeration unit and a centrifugal pump.
Such a circuit provides the cold medium used in the re-
frigerant condenser and in heat exchangers mounted
both on refrigerant and water circuits.
~ Before refrigerant was charged into the circuit, the
loop was cleaned by circulating Refrigerant-11 for three
hours. Subsequently, R11 was discharged and the cir-
cuit was dried through a nitrogen flow. Loop was then
evacuated using a vacuum pump, in order to eliminate
gases and moisture, and it was charged with R-22.

Thermocouple voltages and signals from pressure
transducers and inductive flowmeter are cyclically read
by a data acquisition unit HP3497, and sent to an on-
line PC. In order to all measurements are affected by
similar RMS relative errors, measurements of the refri-
gerant temperature and pressure at the test section inlet,
as well as of the pressure drops and the water flow rate
are based on 30, 50, 50 and 100 readings for cycle, re-
spectively. Furthermore, every experimental data is ob-
tained by averaging measurements from 10 cycles to
reduce the influence of random errors and fluctuations.

Temperatures are converted from thermocouples
voltages with experimental calibration curves specifi-
cally and preliminary obtained. Also, calibration cur-
ves of the water and refrigerant flowmeters were pre-
liminary checked through mass and thermal power mea-
surements, respectively. As a result of such checks, we
estimate that volume flow rates of the refrigerant and
water are measured with relative errors smaller than 2%
and 1%, respectively, which agree with instrument no-
minal accuracy. Furthermore, agreement between the
wall temperatures, the refrigerant inlet and outlet tem-
peratures and the saturation temperature corresponding
to the test section pressure, was checked upon setting a
refrigerant two-phase stream flowing in thermal equili-
brium with a water stream at environmental tempera-
ture. As a consequence, zero off-set of the absolute
pressure transducer was lightly adjusted. Finally, ther-
mal resistance of the test section insulation was measu-
red finding a value of about 4 K/W.

The system start-up consists of the following main
procedures. At first, refrigeration unit is started. As

water-glycol solution is cooled, the condenser and boi- .

ler pressures are set to values about 0.2 MPa smaller
and higher than the test nominal pressure, respectively.
At the same time, water temperature is set to a value 2-4
K higher or smaller than the test nominal temperature,
depending on test will performed either in evaporation
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or condensation. As such values are attained, the mass
flow rates of liquid and vapor of R-22 through the test
section, as well as of water through the Jjackets are im-
posed. For the latter mass flow rate, we choose the va-
lue allowing a water temperature drop along the test
section no smaller than 2 K. Finally, through many fine
adjustments the steady-state condition is achieved at
fixed values of temperature, inlet quality and quality
change. Because accurate and reproducible data are
obtained only if steady-state conditions have been really
attained, on empirical basis we assumed to operate ste-
adily when fluctuations of heat flow rate is less than one
per cent. Steady-state conditions usually requires about
2.5 hours to be established after system ‘start-up; howe-
ver, this time reduces to 1.5 hours if system is already
"warm".

As system operates steadily, measurement cycles
start. For every operating condition, we collect at least
ten experimental data (each resulting by averaging mea-
surements from 10 cycles) with a test run time of about
60 minutes. If during a data collection steady-state
condition fails, the measurement cycle is interrupted
and the results logged in that cycle are rejected. At the
end of every cycle, the collected experimental data are
processed and quantities as mass flow rate, inlet quality,
heat flow rate and heat transfer coefficients are compu-
ted. Here, we will briefly describe how heat transfer
coefficient is calculated. We assume that the refrigerant
temperature varies linearly between the value Tin mea-
sured at the test section inlet, and the exit value T out
computed as Tsat[psat (Tin) - Ap], where Ap is the pres-
sure drop measured along the test section. Then, for
every subsection we compute the average refrigerant
temperature Ti, the average wall temperature T w j, the
temperature mean difference AT =(Tw; - Tj ), and the
heat transfer coefficient hj =Qi/(AnATi) where Qj
and An are the heat flow rate and tube surface area, ba-
sed on the nominal inner diameter, respectively.
Average heat transfer coefficient of the test section is
eventually obtained by averaging coefficients h; .

Finally, experimental uncertainties for the present
investigation are summarised in what follows, Pressure
drop measurements are affected by an uncertainty equal
to the accuracy of the differential transducer (200 Pa).
The other relevant variables, instead, are characterised
by the following representative values of relative uncer-
tainty obtained through a propagation error analysis:
+2.8% for the refrigerant mass flow rate, +1.3% for the
inlet quality, +1.4% for the heat rate, and +7% for the
average heat transfer coefficient.

3. EXPERIMENTAL RESULTS

The first test run performed on the equipment was
entirely in the subcooled region with the smooth tube.
This provided a brief check on the experimental proce-
dure reliability and data validity. Indeed, experimental
values for the forced convection heat transfer coeffi-
cient were within 5 per cent of the values determined by
Gnielinski correlation with the entrance correction fac.
tor derived by Hausen [5]. In these test runs, energy
balances on the water side and on the refrigerant side
agreed within 2 per cent.

In saturated flow boiling or condensation, both pres-
sure drop and average heat transfer coefficient for a
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Parameter

Do [mm] 9.52 9.52 9.52
dj [mm] 8.92 8.54 8.52
tf  [mm] 0.30 0.34 0.30
h [mm] 0.15 0.20
a 90° 53¢
Number of grooves 65 60
Helix angle 25° 18°

‘Table 1: Geometric parameters of the tested tubes,
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Figure 3, Evaporation heat transfer coefficient versus mass flow
rate for given inlet quality and quality change.

to 0.6, and the quality change Ax from 0.1 to 0.5. In
condensation only the mass flux effect was investigated
in the same range as in evaporation tests, with inlet and
outlet nominal qualities of 0.8 and 0.2, respectively.

Figure 3 shows evaporation heat transfer hy, results
plotted versus total mass flow rate G for the two micro-
fin tubes; data obtained on the smooth tube are also in-
cluded for comparison. For such tests, nominal inlet
quality and quality change are x;,=0.3 and Ax=0.3.
Heat transfer coefficients for microfin tubes were
computed based on nominal surface area of the smooth
tube. As expected, heat transfer coefficients increase
with increasing mass flow rate for all the tubes, and
values for microfin tubes result much higher than those
for the smooth tube. Tube V appears to have the best
performance but the deviation with respect to tube W is
slight, being only 10 to 20 per cent, The ratio of the
heat transfer coefficient of a microfin tube to that of the -
smooth tube, usually called [1,2]  heat transfer
enhancement factor, is shown in figure 4. It is apparent
that the enhancement factor is decreasing with increa-
sing mass flow rate, in agreement with the expectation
that it should approach unity at very. high mass flux.

For fixed mass flow rate and quality change (G=13.9
kg/s, Ax=0.3), the effect of average vapor quality x,, on
evaporation heat transfer coefficient can be seen on the
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Figure 4. Evaporation enhancement factor versus mass flow
rate for given inlet quality and quality change.
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Figure 5. Evaporation heat transfer coefficient versus average
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plot of figure 5. For the smooth tube, a slightly marked
maximum is observed, approximately located at

Xn=0.7. With local heat transfer coefficients, the oc-

currence of a maximum, more or less pronounced de-
pending on mass flux, is well established in the relevant
literature at vapor quality between 0.8 and 0.9. The
sharp decrease of heat transfer coefficient after the ma-
Ximum is attributable to the dryout. In the case of ave-
rage heat transfer coefficients, the averaging process
over a quality interval causes a curve flattening and a
displacement of the maximum toward lower quality va-
lues. For the microfin tubes, a continuously increasing
trend can be noticed; hence, it can be inferred that mi-
cro finning provides a shift of dryout in the region of
higher quality in addition to a substantial heat transfer
enhancement. Figure 6 shows the influence of quality
change on heat transfer coefficients, having fixed mass
flow rate and average quality (G=13.9 g/s and
xm=0.45).' For all the tubes, heat transfer coefficients
increase with increasing Ax.

Condensation results for inlet and outlet vapor quali-
ties of 0.8 and 0.2, respectively, are shown in figure 7.
As in evaporation, a substantial heat transfer improve-
ment is achieved by the microfin tubes with respect to
the smooth tube, and the corresponding heat transfer
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Figure 6. Evaporation heat transfer coefficient versus quality
change for given mass flow rate and average vapor quality.
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Figure 7. Condensation heat transfer coefficient versus mass
flow rate for given inlet quality and quality change.

enhancement factor, shown in figure 8, is less than in
evaporation at very low G, more at higher, and the same
at intermediate G values. For both the smooth tube and
the tube V, heat transfer coefficient increases with in-
creasing mass flow rate, whereas tube W exhibit a pe-
culiar trend with a marked minimum for a mass flow
rate of about 15 g/s. A possible explanation can be pro-
bably found in terms of surface-tension forces that, in
conjunction with the fin profile which is characterised
by a sharp tip, could promote an effect like to the
Gregorig's [6]. Thus, only for sufficiently large values
of mass flux, shear stress forces become predominant
and heat transfer coefficient starts to increase with in-
creasing mass flow rate, )

Figures 9-11 present evaporation pressure drop re-
sults obtained in the same conditions reported in figures
3,5and 6. As expected for all the tubes, pressure drop
increases with increasing mass flow rate, or vapor qua-
lity, or quality change. However, the influence of the
latter parameter is weak. The microfin tubes display an
increase of pressure drops compared to the smooth tube.
The increase is larger with tube V than with tube W; for
the latter tube it is of the order of 10 per cent whilst, for
the former, it ranges between 40 per cent and 10 per
cent growing weakly as mass flow rate is increased. In

Condensation enhancement factor

0 5 10 15 20 25 39
G [gss]

Figure 8 Condensation enhancement f; actor versus mass flow
rate for given inlet quality and quality change.
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Figure 11. Evaporation pressure drop versus quality change
for given mass flow rate and average vapor quality.
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Figure 12. Condensation pressure drop versus mass flow
rate for given inlet quality and quality change.

figure 12, pressure drops measured in condensation are
plotted versus mass flow rate. As in evaporation, pres-
sure drops in microfin tubes are larger than those in the
smooth tube; however, the increase of pressure drops
with mass flow rate varies from 60 to 30 per cent in
tube W, and from 50 to 10 per cent in tube V.,

Furthermore, experimental results on the smooth
tube were compared with the predictions of several cor-
relations from the literature. When using local correla-
tions, both the average heat transfer coefficient and the
pressure drop were computed by numerical integration.
Computation is based on the experimental values of
heat rate with the assuniption of uniform heat flux in
each subsection, which is tantamount to assume linear
variation of the vapor quality along the subsection. The
wall temperature data were not taken into account. In
evaluating the total pressure drop, the accelerational
term was computed on the basis of the homogeneous
model, if not otherwise stated by the particular correla-
tion.

Figure 13 shows the comparison of experimental and
predicted heat transfer coefficients plotted versus mass
flow rate for evaporation tests. Predictions were made
through the correlations of Pierre [7], that provides ave-
rage heat transfer coefficients, Chawla [8], Liu and
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Figure 13. Comparison of experimental and predicted heat
transfer coefficients for flow-boiling in the smooth tube.
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drops for convective-condensation in the smooth tube.
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Winterton [9], and Kandlikar [10] in the form recom-
mended for refrigerants. As can be noticed, the agree-
ment with predictions of the Pierre and the Kandlikar
correlations is particularly satisfying. The condensation
heat transfer results were compared with the correla-
tions of Shah [11], Cavallini and Zecchin [12],
Butterworth [13] and Paikert [14]. As shown in figure
14, the Shah correlation consistently underestimates ex-
perimental values of the heat transfer coefficient. A
much better agreement is exhibited by the correlation of
Cavallini and Zecchin, particularly in the range of the
larger mass flow rates. This fact is not surprising if one
considers that the correlation was proposed for the high
velocity regime, that is in annular flow,. In the calcula-
tion schemes proposed by Butterworth and. by Paikert,
allowance is made for the various condensation modes,
namely; stratifying, annular and intermediate. It can be
seen that the Paikert calculation scheme compares fa-
vourably with experimental results, whereas the
Butterworth procedure does not prove satisfactory.

Figures 15 and 16 show the comparison of experi-
mental and predicted values of pressure drops in evapo-
ration and condensation, respectively. The correlations
of Chawla [15] and Grgnnerud [16] prove to be very
good predictors both in evaporation and condensation.
In evaporation, also the Friedel correlation [17] was te-
sted; as can be seen, experimental data are overpredic-
ted at low mass flow rates, whereas they are underpre-
dicted at high mass flow rates. In condensation, a fur-
ther comparison was made against Rohsenow correla-
tion [18], that was worked out for the annular flow. The
evident convergence of such predictions to the experi-
mental data as mass flow rate is increased, points out
the progressive achievement of annular flow in the test
section.

The good agreement of data for the smooth tube with
predicted values by several correlations among those te-
sted, seems to represent a satisfactory reliability check
of the adopted experimental procedures.
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